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Experimental and Analytical Investigation of a Capillary
Pumped Loop

J. T. Dickey* and G. P. Petersont
Texas A&M University, College Station, Texas 77843

An experimental investigation was conducted on a relatively new and unique type of capillary pumped loop
(CPL) at various power inputs and adverse tilts in order to verify the operational parameters and measure the
performance limits. A concurrently developed computer model was compared with the experimental data to
determine the accuracy of the model and verify the predicted trends. The model shows good agreement with
the experimental data and indicates that the overall transport capacity of this design is significantly greater
than what would normally be expected in conventional heat pipes. The steady-state temperature variations are
presented as a function of input power and adverse tilt, along with the transient response characteristics of the
CPL. Also, a comparison is made between data obtained by the authors and that supplied by the manufacturer.

Nomenclature
D = diameter
Dh = hydraulic diameter
h = coefficient of convection
hfg = latent heat of vaporization
Klv = wick permeability
k = thermal conductivity
L - length
m = mass flow rate
Re = Reynolds number
S = shape factor
T = temperature
x = axial distance
x+ = distance parameter
AP( = capillary pressure
AP, = fluid pressure losses
APK = hydrostatic pressure losses
AP/ = liquid pressure losses
AP, — pressure due to temperature difference
APH, = pressure losses in the wick
A = latent heat of vaporization
jit = viscosity

Subscripts
c
e
i
I
0
s
t
V
w

= condenser
= evaporator
= inner
= liquid
= outer
= saturation
= total
= vapor
= wall

Introduction

C APILLARY pumped loops (CPL) are two-phase ther-
mal control systems that can satisfy the increasingly rig-

orous requirements projected for future spacecraft. For this
reason, these devices have been selected as the baseline design
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for the thermal control system of the Earth Observing System
(EOS).1 CPLs offer large heat load carrying capacities with
substantial wicking heights in gravity environments, particu-
larly when compared to conventional heat pipes. Other ad-
vantages of CPLs are the local position of the wick in the
evaporation zone, which provides low wick pressure losses
with high capillary pumping and the capability of operating
as a thermal diode.

As is the case for conventional heat pipes, the high effective
thermal conductivity of CPLs results from the vaporization
and condensation of the working fluid. A major difference is
that in a CPL, the liquid and vapor flows are separated, thereby
allowing the vapor to be slightly superheated and the liquid
to be subcooled. Under these conditions, the overall transport
capacity of the loop is increased due to sensible heating. For
this reason, determination of how the input energy affects the
operating temperature of the working fluid in both the liquid
and vapor states plays a key role in establishing the heat
transport characteristics and operational limitations of these
devices.

Initial investigations of CPLs began in the late fifties with
the capillary pumped vapor generator work of Laub2 and
McGinness.3 In the mid-sixties, a feasibility study was con-
ducted by Stenger4 at the Lewis Research Center. In this
investigation, two CPLs capable of transporting more than
800 W over a distance of 50 ft were evaluated to determine
the general operating attributes. Over the next 20 yr very
little research was performed to quantify the operational pa-
rameters of these devices. Starting in the mid-eighties, how-
ever, a resurgence in CPL investigations shed new light on
the advantages, commercial potential, and problems associ-
ated with these devices.

The primary focus of the current investigation was to an-
alyze, model, and test a two-phase heat transfer device similar
to conventional CPLs. The analysis and tests were conducted
for a range of operating temperatures, power inputs, and
adverse tilt angles. To separate the effects of these variables,
the initial tests were conducted in a horizontal orientation,
whereas the condenser temperature and power input were
varied. In the second phase of the investigation, the tilt angle,
power input, and condenser temperature were all varied se-
quentially to evaluate the effects of each of these three pa-
rameters. In the final phase, the transient response charac-
teristics of the loop were evaluated.

A description of the basic operating principles of the CPL
used in the current investigation were first presented by Mai-
danik.5 The present investigation utilized a Model LA-ITF-
07 test article provided by the Lavochkin Scientific and

602



DICKEY AND PETERSON: CAPILLARY PUMPED LOOP 603

Vapor „

pJ2L

j minimum immuumuiuumun

« —————— —— 120 mm— j —— —

Evaporator

!
ij

!

/ /
1 1 1 1 1 1 1 1 {/ /i 1 1 1 1 1 1 i I ! i

Liquid

i ..

-^JaL.^^^^.^.' . . p

1 1 1 1 1 1 1 1 1 1 i ! 1 1 i 1 1 1 i 1 1 1 i i i ! 1 1 1 1 1 ! i i i ! 1 1 1 i i 1 1 i pK

f̂ ^̂ ^̂ ^̂ JI

« ———————— 120 mm — ————— >\

Condenser

Fig. 1 Capillary pumped loop.
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Fig. 2 Evaporator schematic.

Fig. 3 Condenser schematic.

Production Association, with ammonia as the working fluid.
Figure 1 illustrates an internal schematic of the CPL test arti-
cle. As shown, the condenser and evaporator are approxi-
mately 120 mm long, have an o.d. of 12 mm, and are housed
in aluminum saddles, 50 mm wide, 120 mm long, and 19 mm
thick, and are separated by two stainless steel tubes, one for
vapor flow and one for liquid return. The vapor tube has an
o.d. of 4 mm and an i.d. of 3 mm, whereas the liquid line has
i.d. and o.d. of 2 and 3 mm, respectively. The inherent flex-
ibility of the tubing allows the relative position to be varied
with a maximum separation distance of approximately 3 m.

The evaporator, shown in Fig. 2, consists of a cylindrical-
powdered metal wick, inserted into a stainless steel housing.
The wick is constructed from a sintered nickel powder with
an average pore radius between 1-1.5 ^ and a porosity of
70%. The wick is sealed circumferentially to the housing at
points "A" and "B," preventing the flow of vapor between
the housing and wicking structure. In the evaporator, liquid
which was carried to the evaporative zone via the wick ma-
terial, undergoes a phase change as power is applied to the
evaporator. The pressure generated by the small capillary
radius of the porous wicking structure acts as a deterrent to
prevent vapor from passing through the wicking structure and
filling the liquid region of the evaporator with vapor, which
would cause the device to fail. The increased pressure re-
sulting from liquid changing to vapor in the evaporator, then
forces the vapor to flow to the condenser shown in Fig. 3,
through 4-mm stainless steel tubing.

liquid

super heated vapor

Temperature

Fig. 4 Pressure temperature relationship for the CPL locations.

In the condenser region, the vapor enters at point "C" and
condenses on the outer walls, forming a liquid slug. Because
the liquid condensate region is tapered, once the condensate
contacts the opposite wall, the liquid bridges and forms two
radii of curvature RL and Rs. Utilizing the capillary pressure
drop across the interface as described by the Young-LaPlace
equation

- (2a/rc) (1)
and realizing that RL > Rs, it can be shown that in the absence
of gravitational body forces the liquid will be induced to flow
in the direction of the smaller radius, forming a liquid res-
ervoir at the narrow end of the tapered chamber. The liquid
exits the condenser at point "D" through the 3-mm stainless
steel tubing, due to a combination of the high vapor pressure
generated in the evaporator and the high capillary pressure
difference supported in the evaporator wick structure.

Figure 4 illustrates the thermodynamic cycle upon which
the CPL investigated here operates, and is similar to one
developed by Maidanik et al.6 The corresponding state lo-
cations are illustrated in Fig. 1. (When viewing Fig. 1 it is
important to remember that the third axis of a P-T diagram
is the specific volume and the saturation line is actually a
surface which varies as the specific volume changes.) State 1
represents the conditions at the evaporator surface. As ther-
mal energy is added to the working fluid, the liquid is va-
porized and travels circumferentially to the evaporator exit,
where the vapor (indicated by point 2) is in a slightly super-
heated condition due to a small decrease in the pressure and
an increase in temperature caused by contact with the evap-
orator wall, which is at a temperature greater than Tsat. Be-
tween locations 2 and 3 the vapor undergoes a constant tem-
perature pressure decrease caused by the frictional pressure
drop occurring in the vapor tube. Ideally, the conditions in
the condenser, i.e., state 3, are those of a saturated vapor,
however, in reality the vapor may still be slightly superheated.
Between states 3 and 4, vapor is condensed and drawn into
the liquid reservoir by the capillary pressure generated when
a condensate droplet bridges the tapered gap. The time nec-
essary for fluid to travel through the condenser and exit, state
5, allows the liquid to be slightly subcooled. Between states
5 and 6, subcooled liquid is drawn through the liquid tube at
a constant temperature and decreased pressure due to fric-
tional losses in the liquid line. This liquid motion is the result
of a combination of the capillary pumping and the difference
in pressure across the wick structure. The pressure difference
due to the temperature gradient across the wick can be de-
termined utilizing the Clausius-Clapeyron equation:

AP, - (hfgPvkTIRTl) (2)
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As liquid is drawn back to the evaporator surface, state 1,
through the wick material by the capillary structure, the liquid
undergoes both a temperature and pressure increase. At this
point the cycle begins anew.

Determination of the operating pressure loss occurring in
various types of capillary structures and porous media has
been the subject of extensive investigation.7-8 For fluid flow
in smooth tubing the pressure loss APy is characterized by a
friction factor /. If the flow is laminar then this value can be
approximated as / = 64/Re, and the overall pressure drop
expressed as

- (64/Re)(L/D)(V2/2) (3)

In general, the pressure losses in the capillary wicking struc-
ture can be characterized by the liquid viscosity and wick
permeability, thus

MvG (4)

The gravity pressure losses are simply the result of hydrostatic
pressure and, with the exception of variations in the density,
are not temperature-dependent:

AFS = pgh (5)

Utilizing these expressions, a pressure balance across the
meniscus indicates that the pressure loss associated with the
bulk fluid motion must be less than or equal to the driving
pressure forces or

AP, > APwick + APy (6)

When these conditions are met, the system will operate,
otherwise, evaporator dry-out and total failure will occur.

Experimental Test Facility
Figure 5 depicts the placement of 15 thermocouples utilized

during the test procedure. Data from the thermocouple and
two multimeters, employed to determine the input power,
were obtained using a computerized data acquisition system.
Multiple measurements from the same zones (i.e., the evap-
orator and condenser regions and the liquid and vapor tubes)
were averaged to produce a time and spatially averaged tem-
perature for each power input level. Data were averaged over
an 8-min time interval to reduce the effects of transient slug
flow in the condenser. Errors associated with the thermocou-
ple reads are on the order of 0.1°C, and those of the multi-
meters have reported error values of no more than 0.0003%
for ac current.

The experimental data obtained included the condenser
temperature, power input, and the elevation difference be-
tween the evaporator and the condenser. Heat removal was
provided at the condenser by placing a Lexan® cooling cham-
ber, connected to a constant temperature bath of ethylene

glycol, on either side. The condenser temperature was main-
tained at a predetermined value by modifying the set point
of the constant temperature bath. At low condenser temper-
atures and high power inputs, a cryogenic coolant (liquid
nitrogen) was necessary to maintain the required condenser
temperature. Power was supplied to the evaporator by a var-
iable voltage source connected to a strip heater wrapped around
the evaporator. The heater was coated with a thermally con-
ductive grease to ensure good thermal contact. Power incre-
ments of 10 W were utilized to increase the thermal input
power to the evaporator for constant condenser temperatures
of 0°C. For a condenser temperature of 30°C, the power was
increased in 20-W increments. The condenser, vapor, and
liquid lines were encased in fiberglass insulation to reduce the
heat loss in the transport sections. Due to the high temper-
ature requirements, the evaporator was wrapped in a ceramic
insulation.

Operation of the CPL was limited to a temperature of less
than 100°C in the liquid and vapor transport tubes to prevent
overpressurization and rupture of the containment vessel. De-
termination of the heat loss at the evaporator was resolved
by a pair of thermocouples placed just inside and outside the
insulation at the evaporator. Knowing this temperature dif-
ference and thermal conductivity of the insulation, the energy
losses occurring at the evaporator could be estimated and the
input thermal power corrected. To accommodate variations
in tilt angle, the unit was mounted on a 25- x 150-mm test
fixture approximately 4 m long. An elevation control system
was attached to the evaporator end to allow the test fixture
to be raised or lowered to the desired elevation.

Analytical Model
An energy balance at the evaporator and condenser regions

can be expressed as

G, = Qhfg + Gc^TMiq + Gc,A7>apor (?)

If the energy required for a temperature change in the vapor
due to sensible heating is assumed to be small compared to
the energy required for phase change and sensible heating of
the liquid, Eq. (4) reduces to

G, = (8)

Upon examination of the liquid temperature change in the
condenser section, the sensible heating of the working fluid
can be expressed as

= mcp(Ts - T,) (9)

Combining these two equations allows an expression for T,
to be written as

me,,,,]„

In addition, an expression for the total energy in the evap-
orator Qte may be written as

,,, = rhhfg + mcp(Ts - T,) (12)

Similarly, the total energy in the condenser Qlc can be ex-
pressed as

,c = mhf (13)

Fig. 5 Placement of thermocouples (all dimensions are in meters).
Solving for T, in the above equation and substituting into Eq.
(9) yields a second-order equation with respect to the mass
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flow rate. Rearranging this expression results
expression of the form

0 = fh2( m[hfg + cpT,

c,7VJ - Gtotal

in a quadratic

(14)

where the values for Tw t., hf},, cp, Ac, and hc can all be either
measured or estimated. The area of the condenser Ac can be
approximated with knowledge of the following properties:
liquid and vapor density at the specified temperatures, initial
charge, and total internal volume of the CPL. The condenser
wall temperature Twc is a strong function of the geometry in
which the condenser is housed. By using a finite element
model with the appropriate boundary conditions, or utilizing
a shape factor analysis, the wall temperature of the condenser
may also be determined. Both approaches have been pre-
sented previously.9

The Nusselt numbers and influence coefficients for the cir-
cular tube annulus family can be determined based on x + and
the condenser geometry,10 where

x+ = [2(x/Dh)/RePr] (15)

Then, from the definition of the Nusselt number, Nu = hcDhl
kh the coefficient of convection can be estimated.

Solutions to this expression can be obtained utilizing an
iterative method, Eqs. (2) and (8), the positive root of the
second-order equation, and updated values of the geometric
and thermodynamic properties. This allows the values of the
bulk temperatures of the liquid and vapor and the mass flow
rate to be determined for the CPL in a horizontal orientation.

When the CPL is placed with the evaporator above the
condenser (adverse tilt), the internal pressure must include
both the pressure resulting from the temperature increase and
the hydrostatic pressure. For small tilt angles, an estimate of
the vapor pressure can be obtained by combining the hydro-
static pressure caused by the elevation difference and the
pressure generated at the specified input power in a horizontal
position, or

pgh (16)

where the subscripts 1 and 2 represent horizontal and some
specified adverse tilt orientation, respectively. From this pres-
sure the thermodynamic properties can be determined.

Finally, the liquid temperature can be expressed as shown
in Eq. (9), and T, may be written as

T, = - mhfg)/mcpj] (17)

Again, the solution requires the use of an iterative method,
Eqs. (11) and (13), and updated thermodynamic and geo-
metric properties at each iteration. Utilizing this procedure,
solutions for the mass flow rate, average liquid temperature,
and average vapor temperature can be obtained.

Results and Discussion
As discussed previously, the wick serves three primary func-

tions: 1) to act as a vapor barrier preventing reverse vapor
flow, 2) to act as a capillary wicking structure to draw fluid
from the condenser to the evaporator, and 3) to act as a
thermal barrier to reduce the heat transfer from the outer
region of the wick, which is at Ts to the inner region of the
wick where subcooled liquid exists. The first two of these
have been examined earlier. The third function is most easily
explained by examining the point where liquid just begins to
enter the wick.

Referencing Fig. 2 and assuming the CPL is in an adverse
vertical alignment, at point "E" the effect of the gravity pres-
sure loss is most pronounced since it is the highest point in
the CPL cycle. Also, the temperature of the liquid at point

C is elevated due to conduction through the wick. The rate
of conduction is dependent on the wick structure, wick ma-
terial, working fluid, saturation temperature, and the mass
flow rate through the wick. Thus, a low liquid pressure and
high vapor pressure occur in the liquid at point E, the inner
surface of the wick. In order to avoid boiling, the pressure of
the entire CPL system must be increased such that the hy-
draulic pressure loss is balanced by the pressure gradient across
the wick [Eq. (2)]. A wick material of low conductivity, such
as ceramic, could be utilized to increase the temperature dif-
ference, thereby, increasing the adverse difference in eleva-
tion between condenser and evaporator, at which this type of
device could operate.

In the test apparatus, dry-out of the wick becomes prevalent
with increasing elevation at low power inputs due to conduc-
tion through the wick material, Fig. 6 illustrates this situation.
Initially, the system pressure is high to accommodate a low
mass flow rate through the wick, i.e., a small temperature
difference across the wick. Then, as more power is applied,
the mass flow rate increases and the temperature difference
across the wick becomes larger. This allows the system tem-
perature/pressure to decrease initially, then rise as more power
is transported by the CPL.

Figure 7 compares the measured and predicted temperature
of the liquid and vapor in the transport sections, for an input
power of 130 W as a function of adverse tilt. As illustrated,
the correlation between the experimental and theoretical re-
sults is quite good. The basic operating characteristics for the
vapor indicate a linearly constant region followed by an ex-
ponential increase. The increase can be attributed to the pres-
sure necessary to maintain the working fluid in a liquid state
at the evaporator. At low adverse tilt angles the subcooling
of the liquid is sufficient to prevent vaporization of liquid at
the internal surface of the wick. As the tilt angle increases,
the subcooling of the liquid is no longer sufficient to prevent
boiling. The shape is a function of the working fluid properties
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and the mass flow rate, which are nonlinear with temperature
and power input, respectively.

The linear decrease in liquid line temperature can be ex-
plained by examining the conduction equation utilizing a shape
factor or

Q = kS(T<mKr - rinner) (18)

where Toutcr and Tinner are the outside and center temperatures
of the aluminum saddle, respectively. The thermal conduc-
tivity of the aluminum saddles and shape factor can be taken
as constant values. Although the averaged temperature of the
condenser can also be considered a constant, the coolant bath
temperature actually decreases as the power input increases.
The deviation of data from the predicted values can be par-
tially attributed to thermocouple location on the condenser.

To determine the temperature characteristics of the evap-
orator with respect to the power input, another shape factor,
based on the construction of a flux plot, was utilized. This
method resulted in a S of 0.0762 m. This value takes into
account that power is applied to the evaporator over a length
of 0.019 m (0.75 in.) (the width of the strip heater). Figure
8 compares the difference in temperature between the vapor
and the evaporator wall obtained by the experimental tests
and analytical model. As illustrated, the agreement is quite
good. If the predicted temperature difference is added to the
vapor model, then an estimate of the evaporator temperature
can be obtained. The deviation between the analytical pre-
dictions and experimental results is due in part to conduction
within the aluminum saddle.

Transient startup responses are shown in Fig. 9 for a power
input of 90 W. Time constants for this case are on the order
of 130, 250, 350, and 600 s for the condenser, evaporator,
vapor line, and liquid line, respectively.

Also of interest to the designer of a CPL system is the
apparent thermal resistance, defined as

Where AT is the difference in thermocouple reading between
the evaporator and condenser. Figures 10 and 11 show the
apparent thermal resistance as a function of power input and
adverse height difference, respectively. As shown in the fig-
ures, the effective thermal resistance is quite low, approxi-
mately 0.15°C/W over much of the range tested. Noticeable
exceptions arise at low power inputs where a low mass flow
rate results in a small temperature difference across the wick
material.

The reported temperature response of the CPL evaporator
wall temperature and experimental results for all four zones,
utilizing a constant bath temperature of 0°C, are shown in
Fig. 12. The extracted evaporator wall value represents the
measured evaporator temperature minus the difference in
temperature as determined by Eq. (18) for the evaporator
(Fig. 8). For low mass flow rates (i.e., low power inputs), the
wall and vapor temperatures are approximately equal due to
low vapor velocity through the evaporator. As the power
increases, so does the vapor velocity, thereby increasing the
temperature difference between the vapor and evaporator
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wall due to the decrease in time it requires for vapor to flow
out of the evaporator. The trend of the extracted evaporator
wall temperatures shows good agreement with the reported
values provided by the Lavochkin Scientific and Production
Association.6 The variation in results may be attributable to
a difference in coolant bath velocity, which was not reported
in Ref. 6. A low coolant velocity passing over the condenser
will have a smaller convection coefficient than a higher ve-
locity coolant passing over the same condenser geometry.
Thus, the temperature of the entire CPL will be increased as
a result of low coolant velocity. Also, it is not clear what type,
or even if, saddles were used on the evaporator and condenser
sections of the CPL for which these data were presented.

When using a cryogenic coolant during one of the tests, the
ammonia was allowed to freeze in the condenser. In a con-
ventional heat pipe the condenser and evaporator may be
anywhere along the device. Thus, during frozen startup, the
condenser may be at the longitudinal center of the heat pipe,
but once vaporization and condensation begins rapid thawing
occurs and the point where vapor condenses moves along the
device to the normal operating position. In a CPL if there is
flow blockage anywhere in the system, loop operation will be
aborted. During frozen startup, a CPL must liquefy or va-
porize all of the working fluid by conduction before the CPL
cycle can begin.

Although the CPL can operate under large adverse tilt
conditions, the device must be operating while being raised
to new heights of performance. If allowed to thermally equi-
librate with the surroundings at 23°C (74°F), continuous liquid
contact between the evaporator and condenser will be lost at
an approximate elevation of 0.254 m (10 in.). This problem
can be overcome simply by increasing the initial charge pres-
sure. However, the maximum thermal energy transport ca-
pacity would be lowered, due to increased internal pressure.
Once continuous liquid contact is lost, the CPL must be primed
by decreasing the system losses. For the test article, this im-
plies lowering and cooling the evaporator section so that the
liquid could re wet the wick material.

Conclusions
The CPL, when operating at a condenser temperature of

30°C, was found to be capable of continuous operation at
adverse tilts of 0.61 m (24 in.). This represents a substantial
wicking height when compared to conventional heat pipes.
However, the device would not go through startup at an ad-
verse tilt of more then 0.254 m (10 in.). Thus, when the final
operating position requires a hydrostatic loss greater than
0.254 m, the device must be operating while increasing the
adverse tilt. The effective thermal resistance was found to be
relatively constant, 0.15°C/W, over much of the tested per-
formance domain and has only a slight dependence on power
input or orientation. The transport zone configuration allows

the liquid and vapor to be carried over great distances with
minimal pressure losses. Also, the small tubing size permits
the transportation zones to be laid inside conduits and bent
around corners.

Transient responses of these devices show very short re-
action times and small time constants when the input power
is varied. If a sudden, large demand for cooling was required,
but contamination of the coolant was possible, a CPL could
be used to bridge the thermal gap between a small amount
of coolant in contact with the heat source and a large coolant
flow that would remain untouched by contaminates. Also, a
large heat flux under high acceleration could be transported
quickly to a thermal sink where the energy could be dissipated
gradually.

Although the computer model assumes no superheat, the
predicted performance characteristics of the CPL were in good
agreement with the experimental data. A model which con-
siders a more in-depth analysis of the CPL cycle could predict
the temperature profile to within ±0.5°C, and if superheated
vapor were added to the model the prediction should be within
±0.1°C.
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